This paper presents a novel linear parameter-varying (LPV) model of an electrohydraulic variable valve actuator (EHVVA) for internal combustion engines that is capable of continuously varying valve timing with dual-lift. The dual-lift is realized mechanically through a hydraulic lift control sleeve; valve opening (VO) terminal and closing seating velocities are regulated using a top or bottom snubber; and opening and closing timings, as well as lift profile area, are controlled by the valve actuation timing and hydraulic supply pressure. First, nonlinear mathematical system model is developed based on the Newton's law, orifice flow equation, and fluid constitutive law, where the fluid dynamics of the actuation solenoid valve, actuation piston, passages, and orifices, that influence the engine valve profile, are considered in detail. Second, to have an LPV control-oriented model, the order of nonlinear model is reduced and subsequently transformed into an LPV model with minimal deviation by carefully considering the system nonlinearities, time delay, and time-varying parameters. Calibration and validation experiments for both nonlinear and LPV models were performed on the test bench under different operational conditions. The key time-varying parameters, the time constant of the actuation piston top pressure and the discharge coefficient, are highly nonlinear as functions of temperature-sensitive fluid viscosity and are determined using the test data through the least-squares optimization. With the identified and calibrated model parameters, simulation results of both nonlinear and LPV models are in good agreement with the experimental ones under different operational conditions.
Introduction
The increasingly stringent regulations for NO x , HC, and CO 2 emissions lead to continuous improvement of vehicular technologies. For more than 100 years, the internal combustion engines have been the dominant power sources for automotive until the introduction of hybrid electric vehicles (HEV) and electric vehicles (EV) in recent years. Since the battery power density, charging duration, and infrastructure need to be improved to make EVs practical, most analysts agree that performance improvement of existing internal combustion engines is necessary to reduce vehicle fuel consumption and emissions powered by conventional internal combustion (IC) engines for decades [1, 2] . In HEV systems, innovation in engine technologies such as variable valve actuation (VVA) will also provide significant benefits in fuel economy, leading to improved hybrid powertrain performance.
Among the three fundamental combustion control parameters (i.e., ignition timing, fuel and air), engine air management is the only remaining one to be regulated in a cycle-by-cycle manner since the other two are electronically controlled and updated every engine cycle. The VVA is able to bring revolutionary air charge control features to further improve IC engine performance. The engine valve timing, lift, and duration can be freely adjusted by the VVA system under different engine operational conditions for optimized combustion efficiency, thus greatly improving the fuel economy and output torque performance with satisfactory emissions [3] [4] [5] . These benefits include the pumping loss reduction under throttleless operations, cylinder deactivation, trapped exhaust gas recirculation regulation, in-cylinder turbulence control for stratified combustion, etc. VVA is also a key enabler for Atkinson (or Miller) cycle engines widely adopted by HEVs and for new combustion modes such as homogenous charge combustion ignition (HCCI) [6] and turbulent-jet ignition.
The most commonly used VVA systems are the KSPG univalve system [7] , the BMW valvetronic system [8] , and the cam phasing variable valve timing (VVT) systems (e.g., hydraulic vane type VVT systems [9, 10] , and electrical VVT systems [11] ). Using the throttleless load control, Flierl et al. [7] demonstrated that the univalve system implemented on a 2.0 L turbocharged gasoline engine is able to improve the fuel consumption by 14% at partial load and increase the low speed peak torque by 10%. Negurescu et al. [5] showed that SI engine efficiency can be increased by 29% due to VVT, compared with a conventional throttled engine. Ren and Zhu [11] and Zhang et al. [6, 12] realized the mode transition between SI and HCCI combustion to achieve HCCI combustion at low and medium engine load and SI combustion at high load using two electric motor-driven cam phasing VVTs due to their fast transient responses. The cam-based VVT systems are widely used due to their compatibility to traditional valve trains with known reliability and durability. However, the limited ability of adjusting valve timing and lift for cam-based valve systems prevents their application to nontraditional engines such as hydraulic free piston engines. Therefore, exploring noncam-based VVA system and developing associated control strategies are crucial for further improving engine performance to meet future fuel economy and emission improvement demand.
Recently, intensive research has been focused on camless VVA systems for internal combustion engines. The camless VVA system can be divided into three main groups: the electro-magnetic, electro-hydraulic, and electro-pneumatic actuators. The electromagnetic VVA systems provide fully flexible valve timing and duration with relatively high efficiency, but its repeatability is highly sensitive to valve opening (VO) load with fairly high electric power demand [13] . In addition, it also has high valve seating velocity due to the nonlinear electromagnetic force and is limited to a fixed valve lift [13] [14] [15] . Therefore, complicated real-time control algorithms are required for soft seating control and lift control, which increases the implementation complexity. The modeling and control of the electro-magnetic VVAs [16] [17] [18] have been intensively studied.
The electro-hydraulic VVAs are usually considered as the most flexible VVA concept using the pressurized hydraulic fluid to drive the engine valves. Valve timing and duration can be continuously varied since the hydraulic flow rate can be tailored by solenoid valves [19] . These valves also have very fast responses due to high hydraulic power density and good soft landing performance with low cost. The electro-hydraulic VVAs, designed by Lou et al. [20, 21] , have a build-in soft-landing feature; thus, they do not require complicated control strategy for seating velocity control. Gillella and Sun [14] achieved precise valve motion control of an electro-hydraulic VVA using a low-cost feedback control system. Sun and Kuo [15] developed a transient control strategy for an electro-hydraulic VVA to ensure precise valve profile tracking under both constant and varying engine speed. For electrohydraulic VVAs, as well as the hydraulic VVT systems, one key challenge is the nonlinear temperature-sensitive characteristics of the hydraulic fluid viscosity, which is critical during the engine's cold start [19] . Although extensive studies indicated that this can be compensated by using low lifts at lower temperature, this problem remains challenge for electric-hydraulic VVAs.
To overcome the temperature effect to the hydraulic oil viscosity, the electro-pneumatic VVAs are studied using the pressurized air as actuation power source that is relatively insensitive to temperature variations. However, the high compressibility of the pneumatic fluid makes it difficult to control valve motion and the seating velocity precisely. The pneumatic actuator is often incorporated with a latch mechanism using the magnet [22] or hydraulic fluid [23] to deal with the soft seating and energy consumption problems. The main disadvantage is the requirement of a separate pneumatic fluid supply system as part of the engine system with increased complexity and cost. Ma et al. [23] [24] [25] systematically studied the modeling and control of an electro-pneumatic valve actuator.
The linear parameter-varying (LPV) systems are a class of finite-dimensional linear parameter-varying plants whose system coefficients are functions of a set of measurable varying parameters. The LPV modeling and control techniques can be used to deal with nonlinear parameter-varying systems, have received a great deal of attention in automotive applications, and were applied recently to both gasoline and diesel engines [26] [27] [28] [29] . White et al. [27] used a time-varying friction coefficient to account for the variation of the engine oil viscosity for a VVT system driven by an electric motor with a planetary gear train. Engine speed and oil pressure are used as the varying parameters to form an LPV hydraulic VVT system [28] . The LPV control is also used to compensate for the variable time delay presented in the air-fuel ratio control loop of a lean burn spark ignition engine [29] .
In this paper, a new electro-hydraulic variable valve actuator (EHVVA) [21] is presented. The EHVVA is capable of variable valve timing, lift, and duration through control of actuation solenoid valves and supply pressure with very low cost. Two frequently used lifts (high and low lifts) are achieved mechanically using a hydraulic lift controlled sleeve. Simple top and bottom snubbers are used to ensure soft seating for both opening and closing operations. The energy consumption of both high and low lift operations is proved to be comparable with the traditional cam-based valve trains required by original equipment manufacturers [21] . This paper develops the nonlinear mathematical model for the EHVVA system. Due to the nature of high-order dynamics and system nonlinearity with time delay and varying parameters, the high-order nonlinear system model is simplified to obtain a low-order control-oriented nonlinear model with certain modeling error, and subsequently transformed into an LPV model without loss of modeling accuracy. This paper is organized as follows: System dynamics is described in Sec. 2, and a nonlinear mathematical model is developed in Sec. 3. The nonlinear model reduction and LPV modeling are introduced in Sec. 4. In Sec. 5, both reduced-order nonlinear and LPV models are experimentally calibrated and validated. Finally, conclusions are drawn in Sec. 6.
System Dynamics
As shown in Fig. 1 , the EHVVA system consists of an actuation piston, an actuation cylinder, an actuation valve consisting of both pilot and main valves, a lift valve, a lift control sleeve, a check valve, a relief valve with a pressure regulator, an orifice switch valve with its control solenoid, and a returning spring (part of engine valve system). The actuation cylinder has the top, bottom, and lift ports. The dash-dotted lines denote the hydraulic fluid paths at hydraulic tank pressure that is close to the atmosphere pressure. The bold-solid lines are connected to the hydraulic fluid source, a high-pressure (P h ) accumulator, that is pressurized by a motor (or crank-shaft)-driven pump. The bold-dashed lines are linked to the low-pressure fluid source with back pressure (P l ) that is pressurized by the returning fluid from the top port at valve closing (VC) and maintained by the low-pressure accumulator through a check valve. The top port is switched between the lowand high-pressure fluid sources via the actuation valve that consists of a three-way two-position hydraulic main valve controlled by a solenoid pilot valve. The serial design is able to achieve response fast enough for engine applications with much lower cost than that of the single-stage solenoid valve. The bottom port is connected to the low-pressure fluid source. The actuation piston and engine valve are pushed downward when the top port is pressurized by the high-pressure fluid once the actuation valve is activated, and returned upward by the returning spring when the top port is switched to the default low-pressure fluid. The lift port is switched between the tank and high-pressure fluid sources via the solenoid controlled lift valve. The lift control sleeve is used to supply two discrete lifts (S 1 and S 2 ) corresponding to its two positions (high and low positions). The sleeve moves to its high position once the lift port is pressurized by high-pressure (P h ) fluid when the lift control valve is activated; and otherwise, the sleeve remains at the default low position by the low-pressure (P l ) fluid applied on the top of the sleeve surface. Note that there is sufficient force to maintain the sleeve at its high or low positions, respectively, since the low-pressure (P l ) is designed to be far away from both the high-pressure (P h ) and the tank pressure. The two discrete lifts shall meet most of the engine operation demands with fast response due to high supply pressure and accurate lift due to hard lift constrains. At the same time, continuous valve lifts can be achieved by accurately controlling the supply and back pressures.
The opening terminal and closing seating velocities are key sources of the valve-train noise and vibrations, and high terminal and seating velocities could reduce the engine valve reliability and durability. The valve bouncing due to high seating velocity can affect the engine performance. The top and bottom snubbers are designed for EHVVA to reduce both valve opening terminal and closing seating velocities. The top snubber is used for soft seating and consists of a notch on the top edge of the actuation piston, an undercut ðLs 1 Þ inside the top of actuation cylinder, a check valve, and a relief valve with two parallel arranged top orifices. Note that one of the orifices can be opened and closed by a switch valve. When the actuation piston moves up and past the top undercut into the snubbing zone, the fluid above the piston is forced to escape only through the orifices and the notch. The notch area gets small as the piston goes up and is designed to provide a smooth transition at the beginning of the snubbing process while the orifices are designed to provide more precise control during the seating process. The soft seating is basically achieved by the top undercut, the notch, and the orifices. The switch valve is designed to adjust the flow area of the top orifices to achieve different levels of soft seating under different operational conditions. The relief valve is pressure-sensitive and provides a fast pressure relief when the snubbing process is overpressurized to prevent the valve from bouncing back. The check valve is designed to open at the valve opening for a fast opening by allowing more fluid flow into the cylinder and to be closed to reduce the flow area to ensure soft seating.
The bottom snubber is designed for a soft landing at the terminal stage of the valve opening. It consists of a notch on the bottom edge of the actuation piston and an undercut with a distance ðLs 2 Þ to the top of the lift control sleeve. The bottom snubber is simpler than the top snubber mainly due to the additional counter force provided by the returning spring that reduces the opening terminal velocity. Figure 2 illustrates the engine valve dynamic parameters including the valve lift, valve velocity, the high-pressure (P h ), low-pressure (P l ), pilot valve outlet pressure, actuation piston top pressure, and the associated control signal.
For the high-lift operation with 7.2 MPa supply pressure, the valve opening and closing durations, defined as the time duration between 1% and 99% of the stroke, are 3.7 ms and 2.8 ms, respectively. Due to the top and bottom snubber design, there is a significant deceleration during the landing (opening terminal) and seating processes. The sharp rise of the piston top pressure at time "d" indicates that the top snubber provides an effective snubbing force during the seating process. The dash-dotted and solid lift curves represent for the seating process with (S-On) and without (S-Off) the switch valve activated. The corresponding velocity curves are also shown in dash-dotted and solid lines. The dashdotted line has a much lower seating velocity at 0.25 m/s (absolute value) compared with 0.69 m/s when the switch valve is turned off. However, it comes with a penalty of a 1 ms long tail when the switch valve is turned on, that is, it takes additional 1 ms for the valve to be fully closed. Note that the additional 1 ms tail makes the EHVVA seating profile compatible with the conventional cam profile, leading to a compatible air charge performance in this case.
The time duration t d is the valve actuation delay including the pilot valve delay t 0 and the main valve delay t 1 . Note that t 0 is a combination of the solenoid electromagnetic dynamics, the mechanical and hydraulic fluid dynamics, and t 1 is the required time for the hydraulic fluid at the pilot outlet to push the main valve open and the time-associated filling and draining processes. That is why the pilot pressure increases and decreases during the opening and closing processes, respectively. After the main valve is fully open, the piston top pressure and the valve lift rise rapidly almost at the same time. The variation of the supply pressure P h and back pressure P l is mainly affected by charging and discharging the accumulators due to the valve motion.
As a summary, the EHVVA dynamics includes the time delays, the soft landing and seating processes, and system hydraulic pressure variations that affect the valve actuation profile (e.g., the opening and closing time, lift area, etc.). Note that the valve profile affects the engine combustion process significantly and is modeled in detail in Sec. 3.
Nonlinear Mathematical Modeling
In this section, a detailed dynamic model of the EHVVA is developed component by component based on the governing equations of the fluid dynamics in the actuation cylinder, accumulators, passages and orifices, as well as the valve dynamics. The EHVVA components can be divided into four groups including the actuation piston, the actuation valve, the top and bottom snubbers, and the accumulators for the high-and low-pressure fluid sources.
According to Fig. 1 , the actuation piston is balanced by the top and bottom hydraulic pressures, the system returning spring force and the associated friction force, assuming the returning spring force is large enough and will keep the valve stem following the actuation piston movement. The actuation piston dynamics can be obtained by applying Newton's second law; see below
where m e is the effective mass of total moving parts; L is the engine valve displacement; and C f is the friction coefficient; k s and d s are the returning spring stiffness and preload. Note that A t and A b are the cross areas of the actuation piston top and bottom; P t and P b are the actuation piston top and bottom pressures to be derived in the top and bottom snubber model later; and S is the engine valve lift switched between the high lift S 1 (7.5 mm) and low lift S 2 (4 mm) through the lift control valve. When L approaches the lower or upper limits (i.e., L ¼ 0 or S), the bottom or top seat in the actuation cylinder provides additional counterforce that balances the hydraulic and spring force difference and stops the valve immediately. The engine valve remains in the limit position (L ¼ 0 or S) until the piston top pressure P t is changed due to activating or deactivating the actuation valve.
The actuation valve has a serial design consisting of a solenoid pilot valve and a hydraulic operated main valve. Once the pilot valve is activated, the high-pressure fluid activates the main valve by pushing the spool open to connect the top port to the highpressure fluid source. The pilot valve can be modeled as three parts: a spool model, a solenoid model, and an orifice model. The spool model shown in Eq. (2) is used to describe the spool motion and calculate the associated displacement x p based on Newton's second law 
where m ep is the effective mass of moving parts for pilot valve; C fp is the friction coefficient; k s1 and d s1 are the stiffness and the preload of the spring, respectively; and x p0 is the maximum allowed displacement of the pilot valve spool. When the spool approaches its limit (i.e., x p ¼ 0 or x p0 ), it stops immediately due to the additional counterforce provided by the pilot valve cylinder and remains at that position until the solenoid is activated or deactivated. The solenoid model [23] is used to determine the electromagnetic force F meg by applying Kirchhoff law as shown in the below equation
where U, I, R, and L i are the solenoid input voltage, current, resistance, and inductance, respectively; and a and b are constants used to curve fit the empirical data provided by the manufacture. The orifice flow model with a varying orifice area ðA orip ¼ w p x p ) determined by the pilot spool displacement x p and calibrated constant coefficient w p is used to describe the fluid dynamics through the pilot valve orifice and calculate the delayed outlet pressureP po using the nonlinear orifice flow equation given below
where Q Vp and C d are the volumetric flow rate and discharge coefficient of the fluid across the pilot valve orifice; q oil is the density of the fluid; P atm is the tank pressure;P po is the delayed P po by time t 0 (i.e.,P po ðtÞ ¼ P po ðt À t 0 Þ; see Fig. 2 for description); u is the pilot solenoid on-and-off control input (on: 1 and off: 0); term uðP h À P atm Þ þ P atm represents the pilot valve inlet pressure and P h will be calculated by the accumulator model later; A spoolm and x m are the stressed area and displacement of the main valve spool, respectively; and the sign function represents the flow direction. The delayed pilot outlet pressureP po will then push the main valve open and determine the main valve displacement x m based on the main valve model, which, similarly, can be modeled as a spool valve and an orifice model applying the same principles used in Eqs. (2) and (4) for the pilot valve model to determine the delayed main valve outlet pressureP mo ðtÞ ¼ P mo ðt À t 1 Þ.
The top and bottom snubbers are designed for engine valve soft-landing and seating, respectively, by controlling the top and bottom orifice flow areas. The snubbers can be described as equivalent orifice models using the same orifice flow equation as the pilot valve to obtain the actuation piston top pressure P t and bottom pressure P b as follows:
where A t and A b are the actuation piston top and bottom surface areas, respectively; A orit is the equivalent top orifice area for the top port orifice, top notch orifice, switch valve orifice, check valve orifice, and relief valve orifice. Therefore, A orit is a function of the valve displacement and the associated control valve state. It can be seen from Eq. (5) that A orit is a key parameter for the softseating since very small orifice leads to vary large top pressure change, which significantly affects the seating process. Similar to the equivalent top orifice, A orib is the equivalent bottom orifice area for the bottom port and bottom notch orifices and it significantly affects the opening terminal (landing) velocity. Two hydraulic accumulators are used for temporarily storing pressurized fluids, maintaining pressures, and absorbing pressure pulsations. Note that the accumulator pressures fluctuate cyclically due to the nature of periodic motion of engine valves. By optimizing the spring-accumulator parameters, the pulsation can be limited to the acceptable level. The linear fluid accumulator model, that describes the accumulator pressure variation due to the net flow rate change, is used to describe the flow dynamics for both supply and back pressure sources
where C acl and C ach are the capacitances of the high-and lowpressure accumulators, respectively; Q pump is the pump volumetric flow rate; and Q rel and Q reh are leakage flow rates of the relief valves for high and back pressure accumulators, respectively. Rearranging Eqs. (1)- (8), along with the associated two counterpart Eqs. (2) and (4), for the main valve model, leads to a ninthorder detailed nonlinear model for the EHVVA system as below
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Reduced-Order Nonlinear and Linear ParameterVarying Models
As mentioned in the previous EHVVA publication [21] , the system is highly nonlinear with respect to the system operational parameters, such as fluid pressure and temperature, and the designed valve profile, such as the lift-time area, and opening and closing timings. Note that valve profile is very important to the engine intake and exhaust processes and engine performance. The nonlinearities are mainly from the orifice equations, the temperature-sensitive viscosity of the hydraulic fluid, the time-varying actuation valve delay, etc. It is difficult to design a nonlinear controller based on the developed nonlinear model with guaranteed performance due to lack of associated nonlinear control theory with guaranteed performance. Therefore, model reduction was conducted to simplify the original nonlinear model with acceptable modeling error and an LPV model is also obtained based on the reduced-order nonlinear model to be used in future for the LPV controller design. Fig. 2 , both piston top pressure and valve displacement start rising almost at the same time, as well as the second rise of the pilot pressure. This implies that a very short duration is needed for the main valve to open and its outlet pressure to reach the threshold that overcomes the preload force of the valve spring. Therefore, the actuation valve (both pilot and main valves) model can be simplified into the first-order dynamics with time constant s p and an equivalent time delay t d is used to account for the sum of the pilot valve delay t 0 and main valve delay t 1 ; see below
Reduced-Order Nonlinear Model. According to
(10)
where P mi ¼ uðP h À P l Þ þ P l represents the main valve inlet pressure that is switched between P h and P l by the pilot solenoid control signal; andP mo is now the equivalent delayed main valve outlet pressure. Time delay t d is explicitly modeled in the system instead of approximated by linear transfer functions such as the Fourier-Laguerre series, Pad e approximation, and shift-based approximations [30, 31] widely used in time delay systems. Note that these approximations could introduce significant modeling error during the start and end of the valve motion due to the pressure-sensitive offshore and landing processes of the actuation piston. Therefore, the time delay t d will be used explicitly for the system state and subsequently used as a varying parameter directly, resulting in an LPV time-delayed system. Replacing the actuation valve model (pilot and main valve models) by Eqs. (10) and (11), and rearranging Eqs. (1) and (5)- (8), the original full-order nonlinear model (Eq. (9)) reduces to a fifth-order nonlinear model as shown below
Linear Parameter-Varying Model

Time-Varying Parameters.
By analyzing both full-and reduced-order models and comparing the model simulation results with the experimental ones, it is clear that the system time delay t d ðP h ; TÞ and time constant s p ðP h ; TÞ for the piston top pressure vary with the supply fluid pressure and temperature; and the discharge coefficient, as a function of fluid viscosity, is mainly influenced by the fluid temperature. Generally, the local discharge coefficient is also affected by the top and bottom equivalent orifice areas, A orit ðLÞ and A orib ðLÞ, and they are functions of the valve displacement. However, the accurate relationship between the orifice flow area and the discharge coefficient is usually difficult to obtain, and as a result, it often relies on the empirical equation for a given orifice type [32] . Therefore, an area-irrelevant mean effective discharge coefficient C d ðTÞ is used to account for the viscosity as a function of temperature in the EHVVA model. The highand low-pressure sources P h and P l are assumed to be measurable varying parameters. As a summary, for the LPV model, the last two accumulator equations in Eq. (12) can be eliminated, resulting in a third-order time delay system. Therefore, in the nonlinear model Eq. (12) 
Linear Parameter-Varying System
Model With Input and Parameters Delay. Although the time delay t d ðP h ; TÞ is treated as a varying parameter, it is feasible to design LPV controllers for the EHVVA system with time delay in control input and parameters [33] for the convenience of online implementation. Therefore, an equivalent transformation is applied to the nonlinear model (13) . Since x 1 is only a function of the input and varying parameters, the first equation in model (13) can be replaced by a dynamic equation with the delayed statex 1 ðtÞ ¼ x 1 ðt À t d ðP h ; TÞÞ by substituting the input and varying parameters with their delayed counterparts
whereũðtÞ ¼ uðt À t d ðP h ; TÞÞ is the delayed input, andP h ðtÞ ¼ P h ðt À t d ðP h ; TÞÞ andP l ðtÞ ¼ P l ðt À t d ðP h ; TÞÞ are the delayed varying parameters. Note that the fluid temperature TðtÞ changes much slower than any other parameters so that it does not need to be delayed. Substituting Eq. (14) into the dynamic equation for x 1 in Eq. (13) and replacing x 1 ðt À t d ðP h ; TÞÞ withx 1 ðtÞ, the time-delayed system can be converted into an input and parameter-delayed system that can be easily handled by directly using the delayed input and parameters in the control system in future. Meanwhile, to convert the nonlinear model into the LPV format, additional transformation and parameter merging are required to deal with the nonlinearities in the model.
First, define the new input, states, and outputs as: 5 Model Calibration and Validation 5.1 Experiment Setup. A prototype EHVVA, GD-VVA-2 [21] , designed for the 2.0 L Ford Duratec engine was used for calibrating and validating developed models; see Fig. 3 . A constantdisplacement pump driven by a direct current motor was used to regulate the high system pressure P h . The high-pressure is continuously adjustable via the direct current motor speed controlled by an NI myRIO controller used for valve control and data acquisition. A micro-epsilon point range laser sensor was used to measure the valve displacement. The pressure sensors are located close to the actuation cylinder to avoid additional pressure loss along the oil path. A peak and hold drive circuit, similar to the direct fuel injector drive circuit, was used for driving the pilot valve solenoid. A low side drive circuit was used to drive the slow snubber orifice switch and lift valve solenoids.
The experiments were conducted under a combination of various control parameters including supply pressure P h , back pressure P l , fluid temperature T, the switch valve, and lift valve states (on/off) for the purpose of calibrating the model parameters and validating the developed models. Table 1 shows 15 typical experiments conducted for the model validation process. The supply and back pressure ranges of 5-8 MPa and 1-4 MPa were selected based on the required valve performance (max lift, opening/closing response, etc.), and a common oil temperature range of À20 to 100 C was selected. Two typical engine valve opening durations were selected in the experiments: 8 ms (short dwell) for low load operations and 20 ms (long dwell) for high load. The obtained engine valve profiles were compared with the simulation results of nonlinear reduced-order and LPV models. 
Model Calibration.
The varying parameters, need to be calibrated, include the time constant s p for the main valve outlet pressure, the time delay t d , and the discharge coefficient C d . Recalling the system dynamics described in Sec. 2 and Fig. 2 , t d ¼ t 1 þ t 2 can be calibrated by comparing the control signal and the pressure response at pilot valve outlet. Figure 4 shows the calibrated time delay t d under different supply pressures and temperatures for VC and VO, respectively.
As shown in Fig. 4 , the time delay decreases continuously as the supply pressure increases for both VO and VC due to the increased hydraulic driving force. However, the time delay for VC is slightly lower than that for VO because the oil discharging response during valve closing is faster than that during valve opening. Note that the temperature affects the time delay through the discharge coefficient C d . The time delay during VO increases consistently as the temperature decreases and the rate increases significantly when the temperature gets lower than 0 C. The time delay during VC behaves in a similar way to that in the low temperature region; however, it is almost not sensitive to the temperature change in the high temperature region. As discussed in Sec. 4.2.1, C d is affected by both hydraulic fluid temperature and its flow area (orifice). In the low temperature region, C d is dominated by the temperature due to the fluid viscosity property [32] , while in high temperature region, it is dominated by the flow area, which is fairly large at the beginning of VC but very small for VO.
The time constant s p cannot be calibrated directly since the main valve outlet pressure is not measurable. At the same time, the temperature-sensitive discharge coefficient C d is a casedependent parameter and considered as a mean effective value for the orifices in EHVVA model. To calibrate s p and C d , the nonlinear least-squares optimization method was used to identify the multiple parameters under different operational conditions by minimizing the error over the entire valve operational range.
The nonlinear least-squares optimization problem is described below
where the objective function J is the summation of the squares of errors between the experimental valve lift y i and model outputŷ i ;
T is the parameter vector to be optimized; and n is the total number of data points used. This nonlinear leastsquares minimization problem can be solved using numerical methods such as the Gauss-Newton, the trust region, and the Levenberg-Marquardt methods [35] . For this optimization, note that s p and C d (included in K; see Eq. (15)) are two independent parameters. When minimizing the cost function (16) using s p and C d , it may lead to a local minimum due to nonlinear nature of the minimization problem. Due to their independence, there may not exist multiple pairs of s p and C d that lead to the same local minimal. To make the solution within the feasible range, the constraints x 1 > 0 and 0 < x 2 < 1 are used.
The trust region method is used in this study due to its simplicity and effectiveness. In this method, a region D is defined for each iteration within which a quadratic model function M is used as an adequate representation of the objective function below
where h is the iteration step; g and H are the gradient vector and Hessian matrix of the objective function, respectively; and the step h is chosen by solving the following optimization problem [35] :
The trust region D is adjusted in each iteration according to the ratio r between the actual and predicted decrements of the objective function value; see below where k is the number of iterations, and c is the adjusting coefficient of the trust region based on r. Equation (20) indicates that when a good agreement between the model M and the objective function J is achieved using the step solution of Eq. (18), a larger coefficient is chosen to enlarge the trust region D for the next iteration, and otherwise, the region will be reduced. The solution h in Eq. (18) is valid if the objective function value decreases (i.e., r > 0); otherwise, the h is rejected and Eq. (18) will be solved again in the current iteration using the reduced region. Using the nonlinear least-squares optimization approach, s p and C d shown in Fig. 5 are determined under different operational conditions. The top graph in Fig. 5 shows that the time constant (s p ) for the main valve outlet pressure decreases linearly as a function of the supply pressure and remains almost unchanged as the temperature varies. It also can be noticed that the mean of s p is close to 0.1 ms, indicating that the main valve is very fast compared to the total valve response time. The discharge coefficient C d shown on the bottom graph of Fig. 5 decreases as the temperature does and the rate increases significantly when the temperature is low. This is consistent with the nonlinear relationship of hydraulic fluid viscosity and its temperature [32] and indicates that the developed model captures this characteristic under different temperatures and pressures.
Simulation Results and Validation
. With all the model parameters calibrated, both reduced-order nonlinear and LPV models can be implemented in SIMULINK. The experimental and simulated responses are presented in this subsection. Figure 6 shows the results of both high-and low-lift operations under the supply pressure ranging between 6 and 8 MPa. The reduced-order nonlinear model responses in gray dotted lines are very close to the experimental ones shown in black-solid lines. It is very important for the model to be able to predict in-cycle trajectories for the valve opening and closing slops since they are closely related to the charging air quantity. Both slops can be controlled by regulating the supply pressure P h and back pressure P l in Eq. (13), along with the Boolean solenoid control input (u) used for the valve timing control. As a result, the trajectory prediction performance is evaluated by the absolute error and mean relative error (MRE) using model and experimental data. The absolute error between experimental and model (nonlinear and LPV) responses of all tests are shown in black-dashed lines with 0.68 mm maximum value in test 4, leading a 1.7% relative error of the lift area (an integration of valve lift over time), and the MRE of each test is shown in Table 2 . The obtained good agreement is mainly due to the utilization of nonlinear leastsquares optimization approach to obtain the set of optimized varying parameters (s P , C d ) over the entire operational range.
Also, the simulated LPV model responses are plotted with "þ" and they are the same as these from the reduced-order nonlinear model due to the direct transformation from the reduced-order nonlinear model to the LPV one without introducing any additional model error. Again, time delay (t d ) approximation error, introduced by linear transfer functions, is eliminated by expressing the time delay explicitly and used as a transport delay in the model. In this paper, the open-loop control is used for experimental validation with calibrated valve-opening and closing delay t d (that is dependent on system parameter such as supply pressure). The modeled and experimental valve timings are fairly close; see Fig. 7 .
The opening time for tests 1-6 are compared in Table 3 . It can be seen that the supply pressure is the key factor affecting the valve opening time, implying that closed-loop supply pressure control shall be used for tracking the desired opening time.
The soft seating responses, with and without the switch valve activated (test 6 and test 7), are validated and shown in Fig. 8 . A low seating velocity of 0.22 m/s was achieved when the switch valve was activated to close the second top orifice; and a long closing tail indicates a later closing as expected. This demonstrates that the snubber model is satisfactory.
The temperature effect to the EHVVA was studied in tests 8-11 under the same supply pressure (5 MPa) with a temperature range between À20
C and 100 C. The experimental and model responses are shown in Fig. 9 and Table 4 . Both opening and closing responses get slower as the temperature decreases, and they deteriorate more significantly when the system is operated at very low temperature (e.g., À20
C). That coincides with the response time delay results shown in Fig. 4 and the associated discharge coefficient in Fig. 5 . Note that the temperature effect to the valve closing time is much smaller than the opening time, especially in the high temperature region. This is because the opening process is dominated by the hydraulic force, and the closing process, however, is dominated by the returning spring force. The lowviscosity (34.5 mm 2 /s at 40 C) automatic transmission fluid was used in these experiments, and it is expected to have much high effect to the response time at low temperature when high viscosity hydraulic fluid is used [21, 32] .
The experimental and simulated valve responses under different back pressures are illustrated in Fig. 10 for tests 12-15. During these tests, it is shown that valve closing tail increases as the back pressure goes up, resulting in later valve closing. The full valve closing time is increased by about 7 ms at 4 MPa back pressure, compared to the case with back pressure at 1 MPa, and however, the opening time is reduced by 2 ms. That is because the valve opening force is dominated by the high supply pressure; and the closing force is dependent on both back pressure and returning spring stiffness.
As expected, both reduced-order nonlinear and LPV models are fairly accurate under different supply pressure, back pressure, switch valve, and temperature in terms of opening and closing responses under different seating velocities.
Conclusions
This paper presents both reduced-order nonlinear and LPV models for an electro-hydraulic variable valve actuator. Both models are capable of capturing the valve dynamics accurately since they model the fluid dynamics of each subsystem component and are calibrated using experimental data under different operational conditions. Satisfactory model accuracy is achieved for the reduced-order nonlinear model due to utilizing the nonlinear least-squares optimization/calibration, and minimal deviation from the reduced-order model is guaranteed for the LPV model [12] [13] [14] [15] due to the usage of explicit time delay and direct transformation.
The maximum mean relative error between experimental and model (nonlinear reduced-order and LPV) is 5.1% among all test results. The model validation results also show that the varying parameters of the LPV model have significant influences on the system dynamics. The varying fluid discharge coefficient that accounts for the fluid viscosity affects the valve response time under low temperature operations; and it can be compensated by regulating the supply pressure due to the positive correlation between the supply pressure and valve response time. The time delay due to the variations of supply pressure and fluid temperature is the key for the accurate valve opening and closing timing control. The back pressure and the switch valve state can be optimized for the desired seating velocity. It can be concluded that the developed models, reduced-order nonlinear and LPV ones, provide the dynamic relationship between control inputs and system responses that can be used for developing model-based control strategies for the electric-hydraulic variable valve actuator.
